Gas coolers are heat rejection heat exchangers in vapour compression refrigeration systems that use carbon dioxide (CO 2 ) as refrigerant. The design of gas coolers has a significant influence on the performance of CO 2 refrigeration systems as it determines to a large extent the gas cooler/condenser pressure and the power consumption of the system. This paper investigates local refrigerant and air heat transfer coefficients in plain fin-and-tube gas cooler coils using Computational Fluid Dynamics (CFD) modelling. The aims were to provide insights into the variation of the local heat transfer rates in the coil and determine the influence of a) design enhancements such as the use of slit fins and b) to develop correlations for overall refrigerant and air heat transfer coefficients to be used in CO 2 refrigeration component and system modelling. The results from the model which was validated against experimental measurements showed that a horizontal slit on the fin between the first and second row of tubes can lead to an increase in the heat rejection rate of the gas cooler by between 6% and 8%. This in turn can lead to smaller heat exchanger heat transfer area for a given heat rejection capacity or lower high side pressure and higher efficiency for the refrigeration system. The results and heat transfer correlations developed are a valuable resource for researchers and manufacturers of CO 2 and other heat exchanger coils that experience a wide variation in refrigerant temperature during the gas cooling process.
Introduction
The use of Carbon dioxide (CO 2 ) or R-744 as a refrigerant has been increasing in recent years due to its good thermodynamic properties, zero Ozone Depletion Potential (ODP) and negligible Global Warming Potential (GWP). CO 2 has a relatively low critical temperature of 31°C at a pressure of 72.7 bar g . At low ambient temperatures, CO 2 refrigeration systems that reject heat to the ambient will operate subcritically, similar to conventional vapour compression refrigeration systems, whilst at high ambient temperatures they will operate supercritically with single phase heat rejection to the ambient in the heat exchanger. Because of the single phase heat rejection the heat exchanger is normally referred to as a gas cooler rather than a condenser. The temperature at which the system switches from subcritical to supercritical operation depends on the design of the heat rejection equipment, operating conditions and control strategy employed, but in the majority of cases, this transition takes place at ambient temperatures in the range between 23°C and 27°C [1] .
Similar to air cooled condensers, air cooled gas coolers are finned tube heat exchangers with air flowing across the heat exchanger coil between the fins and tubes and the refrigerant through the tubes in a cross-counterflow arrangement [2] . The air side heat transfer coefficient is normally much lower than the refrigerant side heat transfer coefficient and thus, has a significant influence on the overall performance of the heat exchanger. For this reason, much research has been conducted to improve the air side heat transfer performance of finned tube heat exchangers [3] [4] [5] . Influencing design parameters include fin and tube materials, fin thickness, surface topology of the fins, and the spacing and dimensions of the tubes and fins, amongst others [6] .
In gas coolers, during the gas cooling process, the superheated CO 2 gas undergoes a large temperature reduction and thermophysical property changes which lead to large variations in the local heat transfer coefficient. A number of researchers investigated experimentally the variation of the heat transfer coefficient of supercritical CO 2 during the cooling process. These investigations, which were aimed at developing correlations for the heat transfer coefficient for single horizontal tubes, were carried out for tubes of different diameters and a range of pressures, temperatures and heat and mass fluxes [7] [8] [9] [10] . Across the range of conditions investigated, the correlations were found to predict the heat transfer rate with a maximum error of 20% compared to those determined from experimental measurement [9] . The deviation was largely attributed to the large variation in the refrigerant properties at the pseudo-critical region. The pseudo critical region is a temperature region above the critical temperature where the specific heat capacity (c p ) and consequently the heat transfer coefficient of CO 2 reach maximum values for a given pressure [8] .
Because of the large number of variables and complex heat transfer mechanisms involved, a variety of modelling approaches have been employed to investigate the heat and mass transfer performance of gas coolers. In these models, the refrigerant side heat transfer coefficients (HTCs), were invariably determined from established correlations for single phase flow and heat transfer in tubes such as those proposed by Gnielinski [16] , Pitla et al. [8] and Dang and Hihara [9] . As indicated by Zilio et al. [15] these different correlations often predict similar results for CO 2 gas coolers. Ge and Cropper [11] developed a distributed model for gas coolers which takes into consideration the rapid changes in CO 2 temperature and its effect on the local HTC. The model was validated against published experimental data and was shown to predict the general trend in refrigerant temperature variation in the tubes with errors less than 2°C. Sánchez et al. [14] developed a steadystate model for a coaxial water cooled gas-cooler which was shown to predict exit fluid temperatures with errors up to 3 o C compared with experimental data. Zilio et al. [15] obtained errors of up to 30°C in the first few tubes of an air-cooled gas cooler where rapid cooling takes place. These errors have been attributed to the use of average values of HTCs [11] , both on the refrigerant and air-side of the gas cooler.
All above investigators highlighted the importance of employing local values of HTCs in order to adequately represent the gas cooler performance. To address this problem, and more accurately account for the impact of the variation of refrigerant properties in the pseudo-critical region, two-term heat transfer correlations have been proposed for the refrigerant HTC [10] . These two terms generally refer to the density ratio and the specific heat ratio evaluated at T b (bulk temperature) and T w (wall temperature).
The above discussion demonstrates that the large temperature changes and wide variation of CO 2 properties in gas cooling coils require that for design optimisation much more detail knowledge of local conditions in the coil, on both the air and refrigerant sides, and their influence on heat transfer performance is necessary. Furthermore, heat transfer between higher temperature tubes at the inlet of the coil, normally in the first row of the heat exchanger, and lower temperature tubes across the continuous plate fins, reduces the overall heat transfer effectiveness of the coil. An approach that has been considered to reduce this effect is to introduce a slit in the fin between the 1st and 2nd row of tubes in the direction of refrigerant flow [1, 12, 13] .
Because of the difficulty in obtaining sufficient information on local heat transfer conditions from measurements on full-scale gas cooler coils, most investigations to-date have been based on single tubes. Although these investigations have led to useful outputs and knowledge, they did not take into consideration the impact of local interactions between the refrigerant and air side on local and overall heat exchanger performance. To consider these interactions, this paper uses a combination of experimental investigations and modelling of two gas cooler coils to provide: i) global coil performance measurements and CO 2 refrigerant temperature distribution in the coils and ii) simulation of the heat transfer in different segments to establish local heat transfer coefficients using CFD. CFD allows data to be obtained for areas difficult to access in experimental investigations (such as within pipes or narrow sections) and avoid the physical disruptions caused by sensors. A number of investigators have used CFD to simulate finned-tube heat exchangers [21] [22] [23] [24] [25] [26] [27] but to the authors' knowledge no previous investigations on the analysis of heat transfer coefficients of CO 2 gas coolers have been reported in the literature. The results in this paper should be of benefit to researchers and designers of CO 2 gas cooler heat exchangers.
Experiment investigations and test facilities
The experimental investigations were carried out on two gas cooler designs: gas cooler-A (3 row-4 circuit) continuous and slit fin, Fig. 1(a) and gas cooler-B (2 row-2 circuit) continuous and slit fin, Fig. 1(b) . 
Experimental test facilities
The test facilities employed are located within the Centre for Sustainable Energy Use in food chains at Brunel University London and include a CO 2 refrigeration system and gas-cooler test rig. The gas-cooler rig is shown schematically in Fig. 2(a and b) . It allows for the air and refrigerant mass-flow rates and air-on temperatures on the gas cooler to be varied. Air-on temperatures were varied by regulating the air recirculation rate and modulating the electric heaters at entry to the gas cooler.
The data recorded during the tests included pressures, temperatures and mass flow rate on the refrigerant side and velocity, pressure drop and temperature on the air side. On the tube surfaces, temperatures were measured at every bend, as shown in Fig. 2 (a) and (b). The air temperature entering the gas cooler was measured at 24 points along the face of the gas cooler and at 12 points after the gas cooler. The air pressure drop across the gas cooler was measured with a differential pressure transducer KIMO CP 200, measuring range 0-80 Pa with accuracy ±1%.
Temperatures were measured with K-type thermocouples with uncertainty less than ±0.5°C. Pressures were measured with A computer based data logging system was employed and all data were logged for analysis at 20 s internals.
Test results
Tests were carried out with air velocity across the coil of 1.7 ms À1 , 2.0 ms À1 , and 2.4 ms
À1
. The air temperature onto the coil was varied between 30°C and 35°C to ensure supercritical mode of operation.
The variation of the refrigerant temperature measured on the pipe surface at inlet and outlet of each pipe of the coil for different tests for the two gas coolers is shown in Fig. 3 . Representative test parameters are detailed in Table 1 . It can be seen from Fig. 3 that the refrigerant temperature drops exponentially as the refrigerant flows through the tubes with the largest drops in the first few tubes and very small changes in the last few tubes. It can also be seen that the drop in the refrigerant temperature is faster for Gas cooler A compared to Gas Cooler B. This is primarily due to the lower refrigerant mass flux for Gas cooler A as the flow is divided between 4 parallel sections, providing a higher heat transfer area per unit refrigerant flow, compared to the 2 parallel sections in Gas cooler B.
Considering the uncertainty of the measured variables, which include air velocity, air temperature, refrigerant (coil) temperatures and respective pressures, and assuming that the individual measurements are uncorrelated and random, the uncertainty in the calculation of heat rejection (Q) was determined to be in the range ±6.4%. These are slightly high due to the uncertainty in the temperature measurement using K-type thermocouples which was ±0.5°C.
CFD modelling of gas coolers
Because of the significant complexity and computational resources required to model the entire gas cooler, the approach taken in the CFD modelling was to:
i. Assume each parallel circuit of the gas cooler to operate as separate heat exchanger connected in parallel (see Fig. 4 ). Measurements on the different gas cooler parallel sections showed a very similar performance and temperature variations in the gas cooler tubes, validating this assumption. ii. Divide each gas cooler section into 5 segments along the pipe length as shown in Fig. 5 (a) and assuming a linear variation of refrigerant temperature along the tube for each pipe length and each segment. It can be seen from Fig. 3 that shows the variation of refrigerant temperature between the inlet and outlet of each tube that this is also a reasonable assumption. iii. Following from assumptions (i) and (ii), each segment of the heat exchanger was treated individually in the CFD modelling.
Governing equations
The equations governing the flow and associated heat transfer in a fluid are based on the conservation principles of mass, momentum and energy. These fundamental physical principles are expressed as the Navier-Stokes set of equations (Eqs. (1)- (3)), and because they are non-linear second-order equations, the solution procedure is complex. CFD applies and solves the discretised form of these equations for a domain, through iterations, where the pressure p, temperature T, density q, and velocity components u, v, w, at each grid cell can be predicted with a good degree of accuracy [27] .
Continuity equation:
Momentum equation:
Energy Equation:
One of the challenging aspects of modelling fluid flows in different scenarios is the distinction of flow regimes. Fluid flows comprise different turbulence regimes, depending on the geometry of Table 1 ).
the heat exchanger and surface topologies. High Reynolds number flows provide higher heat transfer rates, compared to lower Reynolds flows, and is therefore important that the model captures the turbulence aspect of the flow. The following section describes the turbulence models used in previous air-flow studies.
Turbulence models
The application of CFD in various heat-exchanger design and optimisation studies has in most cases employed the k-e turbulence models [21] . Amongst these, the standard k-e, SST, realizable k-e and RNG k-e models have been the most popular, but their choice has been dependent on the specific heat exchanger being investigated. Singh et al. [23] , used CFD to model the steadystate air-side heat transfer of a finned tube heat exchanger. The numerical results, using different turbulence models were compared with experimental data and the Realizable k-e model was found to produce the best predictions with a maximum error of 4% [23] . Sun and Zhang [25] also employed the Realizable k-e model to evaluate the performance of elliptical finned-tube heat exchangers. Validation of the CFD model was performed on the prediction of heat transfer coefficients in the heat-exchanger, and maximum error was found to be 4.7%. The RNG k-e model was employed by Bilirgen et al. [26] . to investigate the effects of different fin thickness, height, material type and Reynolds number of the air-flow on the performance of finned tube heat exchangers where the air-flow was assumed to be incompressible and steady-state [26] . The RNG k-e was also reported to give accurate predictions for the velocity field, the turbulent kinetic energy and the recirculation length of flows in helically finned tubes [24] . In general, there is no universal turbulence model for heatexchangers, because of the wide variation of geometries and flow regimes encountered. As part of this study, different turbulence models were investigated, and their validity compared against experimental data, in order to determine which turbulence model is more suitable for the particular heat exchanger design employed.
CFD boundary conditions and meshing
The CFD model developed was for finned copper tubes of 8 mm outer-diameter and 0.68 mm wall thickness, and wavy aluminium fins of 0.16 mm thickness and 2.12 mm air gap between the fins. Simulation was performed for 5 segments along the tubes of the gas cooler, at 0 m; 0.4 m; 0.8 m; 1.2 m; and 1.6 m from the inlet of the heat exchanger as shown in Fig. 5(a) .
Since the fins are only 0.16 mm thick, the meshing of such a thin surface was found to be problematic in terms of the mesh type and size, especially when considered in the context of the overall gas cooler domain. Hence, the concept of thin-wall shell conduction available in ANSYS FLUENT Ò [28] was employed. This refers to the simplification of the material heat transfer discretisation to a single node within the thickness, therefore avoiding meshing to very small levels. It allows for a more convenient representation of heat conduction within the fin, for the modelling of finned-tube heat exchangers as suggested by ANSYS FLUENT Ò [28] .
The boundary conditions used in this study with reference to Fig. 5(b) were defined as follows:
-The refrigerant inlet mass flow rate and temperature at inlet to each tube were input to the model. A linear variation of temperature was assumed for the tube segments as shown in Fig. 3 . -The air enters between two fins (y-direction), at a constant velocity and temperature obtained from the experimental tests (see Table 1 ). -The fins and fin collar were modelled as thin-walls.
-The thermo-physical properties (density, viscosity, specific heat capacity, thermal conductivity) of air and refrigerant (R744) as a function of temperature and pressure were obtained using the Engineering Equation Solver (EES) software [29] . These were incorporated in FLUENT Ò using the piecewise-linear formulation.
-The thermo-physical properties of copper and aluminium were obtained from the FLUENT Ò database. 
À4
, respectively. Following the satisfactory residuals obtained from the fine grid, the latter was used for subsequent simulations, at the expense of higher computing time compared to the other mesh sizes. The final mesh is shown in Fig. 5(c) , whereby high grid densities have been used in all areas where high temperature gradients were more likely to occur at the fin collars and in the proximity of the tubes.
In addition to having simulations with adequate convergence criteria, the turbulence model influences the final simulation results [21] . In this regard, different turbulence models available in the FLUENT Ò software were investigated. These turbulence models included: Standard, Realizable and Renormalisation Group (RNG) k-e model; Standard and SST k-x models; and the laminar model. The numerical results with different turbulence models were compared with experimental data, in order to determine the validity of each turbulence model as explained in following section.
Validation of the CFD model against experimental results
The validation study consisted, firstly of determining the performance of the turbulence model, and secondly of obtaining the errors of the model for different test conditions. The validation studies were conducted with respect to air-off temperature for different experimental test conditions. The air-off temperature was obtained from the mean values of the five simulated segments for each experimental condition. The k-e turbulence models were found to give better performance with absolute errors in air-off temperatures as follows: Standard k-e: 0.25 K, RNG k-e: 0.08 K, Realizable k-e: 0.07 K. The k-x models showed slightly worse performance (Standard k-x: 0.31 K, and SST k-x: 0.33 K, compared to the k-e models. The laminar model produced a 1.31 K error. As the Realizable k-e model showed the best performance, it was adopted for subsequent simulations.
Air and refrigeration side-heat transfer coefficient calculation methodology
As alluded to in section 1, the heat transfer coefficients of the gas cooler are crucial in determining its overall performance. Unlike previous work, this study does not impose heat transfer correlations on the model, but rather, these are calculated implicitly in the model. Hence, this section depicts the effectiveness of CFD to determine the heat transfer coefficients.
The air side heat transfer coefficients h a , in each segment for the tube bundles/fin walls are deduced from the heat-transfer rate Q, the heat-transfer surface area A t = A collar + A fins , wall temperatures T w = (T collar + T fin )/2 and air bulk temperature T b = (T in + T out )/2. Eq. (4) was used for the calculation of the air-side heat transfer coefficient (h a ). This equation format was chosen mainly to adhere with the formulation used in the literature [5] .
where _ m air is air mass flow rate and Dh air is enthalpy difference between air inlet and outlet Furthermore, the refrigerant-side heat transfer coefficient (h r ) was determined for individual segments using Eq. (6) as follows:
where, the heat flux (W/m 2 ) is the heat flux from the refrigerant to the inner wall surface of the copper tube, T w,i (°C) is the temperature of the inner pipe surface (copper), T b (°C) is the mean refrigerant pipe inlet and outlet temperatures for each segment. Fig. 6 shows the CFD results for temperature and velocity contours for a segment. It shows the wall temperature contours, air flow path-line, and the refrigerant flow vectors of pipe-1 and pipe-2 of the gas cooler, where the refrigerant heat fluxes, wall temperatures, refrigerant and air outlet temperatures were calculated from the model. Based on these results, the air and refrigerant side heat transfer coefficients were calculated for individual segments for the entire gas cooler using Eqs. (4) and (6), respectively.
The CFD results for the gas cooler segments of the two gas coolers investigated are shown in Figs. 7(a) and (b) . Gas cooler A (24 tubes, 3 rows, 4 circuits) is shown in Fig. 8(a) ; and gas cooler B (32 tubes, 2 rows, 2 circuits) is shown in Fig. 8(b) . The investigation of the heat transfer coefficients was performed for one circuit and assumed to be similar for the other circuits, due to the similarities in temperatures in the other circuits observed from the test results.
Results and discussion

Air flow characteristics in gas cooler fin and tube passages
The flow characteristics in the heat exchanger flow passages are influenced by the tube and fin structures and arrangement. Fig. 9 presents the flow characteristics at each row of the gas coolers. As expected, each row has a stagnant area at the rear of each tube in the direction of air flow which reduces heat transfer. Increasing turbulence and reducing this stagnant area will improve the air side heat transfer coefficient [3] .
Air side heat transfer coefficient (h a ) profile in segments
The variation of the air side heat transfer coefficient in one circuit of gas cooler A with continuous fins is shown in Fig. 9(a) . From Eq. (4), the air side heat transfer is a function of the heat transfer in the domain between refrigerant and air and the temperature difference between the wall, tube and fins, and the air. It can be seen that in the third row, h a , is fairly constant at around 150 W/m 2 K, due to the constant temperature of both air (air on temperature) and refrigerant as can be seen from Fig. 3 . In the 2nd row, h a increases until pipe 12 to around 175 W/m 2 K, and then drops down to just below 100 W/m 2 K at the start of the first row, pipe 8, before rising again slowly just above 100 W/m 2 K in pipe 1. These variations are a function of the relative influence between the rapid drop in the refrigerant temperature from pipe 1 to pipe 8 and the difference in temperature between the pipe and fin and the bulk air temperature.
The variation of the air side heat transfer coefficient for gas cooler A with horizontal slit fin is shown in Fig. 9(b) . It can be seen that the slit has a significant influence on the air side heat transfer of the second (middle) row of tubes. This is due to the influence of the slit on reducing the heat transfer across the fin between the first and second row of tubes. Lower fin and tube temperatures lead to higher air side heat transfer coefficients.
The air side heat transfer coefficient, h a , for gas cooler B, continuous fin, is shown in Fig. 9(c) . It can be seen that (h a ) in the second row of tubes, 17-32, first increases from around 80 W/m K at pipe 1, the refrigerant entry to the heat exchanger.
Correlation of average air side heat transfer (h a ) with Reynolds Number (Re)
Based on the results of the local and average air side heat transfer coefficients, correlations were developed for the determination of the air side heat transfer coefficient of gas coolers based on the approach proposed by Chang and Kim [20] , relating the Nusselt number to the Reynolds and Prandtl numbers. The calculation of the local Reynolds Number was based on the fin collar diameter (Dc) for simplicity and the fact that this dimension has the greatest influence on turbulence in the heat exchanger [2, [17] [18] [19] [20] , as illustrated in Eq. (7).
Re DC ¼ inertia forces
The values of the thermo-physical properties of air were obtained at the film temperature (T film ), i.e. the average of T bulk and T w , and these values were obtained from the CFD results. Fig. 10 shows the average heat transfer coefficients, based on 12 points, of gas cooler A with continuous and slit fin with respect to Reynolds Number (Re DC ).
The respective correlations for the average air-side heat transfer coefficients for the continuous and slit fin of gas cooler A were found to be: Regression coefficient (R 2 ) = 0.998.
-Gas cooler A with horizontal slit fin design:
Regression coefficient (R 2 ) = 0.957. the hottest pipe through the fin is mitigated by the slit. The improvement in heat transfer coefficient with the slit fin configuration leads to higher performance for the gas cooler. Compared with the continuous fin, the horizontal slit fin improved h a by approximately 6-8%.
The CFD results from gas cooler B were compared with the limited number of previous studies (Wen and Ho [5] and Chang and Kim [20] ). However, the specifications of the gas coolers were slightly different as shown in Table 2 . The trends in Fig 12  (a) and (b) show that despite the different design specifications the trends in variation of the air-side heat transfer coefficient are similar demonstrating the validity of the results obtained in the present study. Comparisons of results with those of Chang and Kim were carried out for air relative humidity of 60%.
Refrigerant side heat transfer coefficient (h r )
The investigation of the refrigerant side heat transfer coefficient (h r ) was carried out for different mass flow rates and bulk temperatures for gas coolers A and B. The average mass flow rate of CO 2 in each circuit of the gas cooler was 0.0095 kg/s for gas cooler A and 0.0195 kg/s for gas cooler B. The inner pipe diameter for the two gas coolers was the same, at 6.32 mm, giving a mass flux (G) of 310 kg/s-m 2 for gas cooler A and 620 kg/s-m 2 for gas cooler B.
The variation of h r of gas cooler A with bulk temperature is shown in Fig. 13(a) for average pressure in the gas cooler of 83 bar g and mass flow rate of 0.0095 kg/s. The different colours represent the different segments along the length of the coil. Fig. 13(a) also shows the variation of specific heat, c p , for the refrigerant and the heat transfer coefficient calculated from the correlation of Oh and Son [10] . It can be seen that the variation of h r follows closely the variation of c p , starting from a low value at the high refrigerant temperatures and rising with decreasing temperatures, reaching maximum of 2200 W/m 2 K at 40°C which corresponds to the temperature of maximum specific heat for the refrigerant [7] [8] [9] [10] .
For gas cooler B, the mass flow rate in the circuits is approximately double that of gas cooler A due to the smaller number of circuits. Fig. 13 
where C p,b and C p,w indicate the specific heat evaluated at T b and T w , respectively and T pc is temperature of maximum C p,b . It can be seen that for both gas coolers the refrigerant heat transfer coefficients obtained from the CFD simulations correlate well with those predicted using the correlations by Oh and Son. The greatest difference occurs in the pseudocritical region where the specific heat reaches maximum values. In this region the Oh and Son correlations predict higher values, maximum difference 18% for gas cooler A, and 12% higher for gas cooler B than the CD results. The differences are very likely to be due to the rapid variation of c p in this region and uncertainties in both the experimental investigations and CFD modelling to accurately capture the effects of these variations.
Figs. 14(a) and (b) show the h r profile in gas coolers A and B respectively, and its variation along the pipes of each section. For gas cooler A, the refrigerant temperature drops very rapidly from 105°C to 50°C in pipe 1 and the heat transfer coefficient increases from around 1000 W/m 2 K to a maximum of 2000 W/m 2 K due to the large drop in temperature and increase in the specific heat. Thereafter, h r remains fairly constant in the range between 1700 and 2000 W/m 2 K. The small variations along the pipes are due to the variations in the refrigerant and pipe wall temperatures along the 3 rows of the gas cooler. For gas cooler B, the heat transfer coefficient is much higher than gas cooler A due to the much higher mass flux in the pipes. Gas cooler A has 4 parallel sections whilst gas cooler B only has 2 sections, resulting in much higher mass flux but also higher pressure drop. The heat transfer coefficient in Gas cooler B increases from around 1800 W/m 2 K in pipe 1 where the refrigerant temper- 
Conclusions
A Computational Fluid Dynamics (CFD) model was developed and used to study the air and refrigerant side heat transfer coefficients in CO 2 gas coolers. The model was validated against experimental data with respect to heat rejection rate and air-off temperature. The Realizable k-e turbulence model was found to produce best results with a mean absolute error in the prediction of the air off temperature of the gas cooler coil of 0.07 K. In summary, 1. CFD modelling was found to be able to adequately represent the heat transfer characteristics of the gas cooler and be an effective simulation tool for the determination of local air and refrigerant-side heat transfer coefficients in the coil. 2. For the air side heat transfer coefficients evaluations were performed for both local and mean heat exchanger heat transfer coefficient values and correlations were developed for the determination of these heat transfer coefficients as functions of the Prandtl (Pr) and Reynolds (Re) numbers. 3. Modelling and experimental results showed that a slit-fin design for the gas cooler coil will enhance heat transfer by reducing heat conduction between the top and second row of tubes in the heat exchanger across the fins. This improves the heat rejection rate of the heat exchanger by between 6% and 8% which can lead to lower gas cooler pressures and higher efficiency for the refrigeration system and/or smaller size for the coil. 4. The refrigerant heat transfer coefficient was investigated for different segments of the gas cooler. It was found that the trend in the variation of the refrigerant side heat transfer coefficient followed closely the variation of the specific heat of the refrigerant with temperature. This variation can be as high as 200% along the pipe length of the gas cooler. 5. The results in the paper are a valuable resource for both researchers and manufacturers engaged in the design and manufacture of gas coolers for CO 2 refrigeration applications.
